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ABSTRACT:

A simple, closed—form procedure is presented as a first step in the design of minimum volume spur and helical
gearsets. The procedure includes methods for selecting geometry and dimensions, considering maximum
pitting resistance, bending strength, and scuffing resistance. It also includes methods for selecting profile
shift.

Copyright ©, 1992 by American Gear Manufacturers Association
Published by

American Gear Manufacturers Association
1500 King Street, Suite 201, Alexandria, Virginia, 22314

ISBN: 1-55589-579—-4

Copyright by the American Gear Manufacturers Association

Sal Jul 30 14:36:13 2011




AGMA 901-A 92 EE 0L&?7575 0003142 774 WA

Contents

Page
ForeWOrd . . v
1 S0P ... 1
11 Procedure . . ... .. 1
1.2 EXCEPUONS ... . . 1
2 Definitionand symbols ........ ... . ... . . 1
21 Definitions .. ... .. 1
22 OYMDOIS .o 1
3 Inputvariables .. ....... ... .. i 1
3.1 Materialsand heattreatment .......... ... .. .. .. ... . . . . ..., 1
32 Designlife .........coiiiiiiiii 5
33 ASPECIIAtIO . ..., 5
B4 INpUL POWET . . 6
3.5 Combinedderatingfactors, Cg and Ky ...........c.oviiinneneeinnaannnnnn.. 6
3.6 Geomelry factors . ........... ... 8
B7  GeAITAlO ...t 8
38 Cutterprofileangle ........... ... 9
3.9 Toolselection . ............. i 10
3.10 Selectingahelixangle .......... ... . . i 10
311 Factorofsafely ...........c.oiiiiiiiiiii 10
4 Preferred numberof pinionteeth ........... .. ... . ... . ... .. 1
5 Designalgorithm ... ... 13
6 Designaudit ...t 14
7 Considerations forimprovedrating ....................coouiiiii., 14
7.1 Improve bending fatigueresistance .............. ... 14
7.2 Improve pitting fatigue resistance .......... ... .. ... .. .., 15
7.3 Improve scuffingresistance ............ ... ... . 15
7.4 Profileshift ............. At e e a e ettt e et aaaaa e rena e e e 16
75 SUMMALY ... e 15
Tables
1 Symbols usedinequations ........... ... ... 2
2 Allowable contact stress numbersforsteelgears ..................... ... ...... 4
3 Allowable bending stress numbersforsteelgears . ..................... 00, 5
4 Typical application factors, C, and K .. ............ oo, 6
5 Typical load distribution factors .................. ... . .. . . . 7
6 Effects of helix angle in parallel shaftgearing ..................ovvuviennnnn... 11

Copyright by the American Gear Manufacturers Association

Sal Jul 30 14:36:13 2011

coe




AGMA 901-A 92 BN 0DL87575 0003143 bO4 |

Contents (cont)

Page

Figures

Twobranchdoublestagegearning ........ccooeiiiiiiieiiiernienenne. 6
2 Preferred number of pinionteeth . ....... ... ..ol 11
3 Preferred number of pinion teeth for spur gear (unmodified) ...................... 12
4 Preferred number of pinion teeth for spur gear (modified) ...................c0nn 13
5 Preferred number of pinion teeth for spur gear where redesign

shouldbeconsidered . . ........ccooiiiiiiiiiniiiiiinerraii s 13
Annexes
A Profile Shift ... ..ottt ittt ae e aiaee e e 17
B Ratio split for minimum volume . ...........coioiiiiiiiiiiiaii s 23
C Ratio split for an existingtwostagebox . ......... ... ot 27
D Example problems ... ... ....uiueinii i 31
E References and bibliography .......... .o e 37
v

Copyright by the American Gear Manufacturers Association
Sat Jul 30 14:36:13 2011




AGMA 901-A f92 MR 0LA&7?575 0003144 S4D WM

FOREWORD

[The foreword, footnotes, and annexes are provided for informational purposes only and should not be
construed as a part of AGMA 901-A92, A Rational Procedure for the Preliminary Design of Minimum Volume
Gears.]

Gear design is a process of synthesis where gear geometry, materials, heat treatment, manufacturing
methods, and lubrication are selected to meet the performance requirements of a given application. The
designer must design the gearset with adequate pitting resistance, bending strength, and scuffing resistance
to transmit the required power for the design life. With the algorithm presented here, one can select materials
and heat treatment within the economic constraints and limitations of manufacturing facilities, and select the
gear geometry to satisfy constraints on weight, size and configuration. The gear designer can minimize noise
level and operating temperature by minimizing the pitchline velocity and sliding velocity. This is done by
specifying high gear accuracy and selecting material strengths consistent with maximum material hardness,
to obtain minimum volume gearsets with teeth no larger than necessary to balance the pitting resistance and
bending strength.

Gear design is not the same as gear analysis. Existing gearsets can only be analyzed, not designed. While
design is more challenging than analysis, current textbooks do not provide procedures for designing minimum
volume gears. They usually recommend that the number of teeth in the pinion be chosen based solely on
avoiding undercut. This information sheet, based on the work of R. Errichello [1 I*, will show why this practice,
or any procedure which arbitrarily selects the number of pinion teeth, will not necessarily result in minimum
volume gearsets. Although there have been many technical papers on gear design (for example [2] and [3]),
most advocate using computer-based search algorithms which are unnecessary. Tucker [4] came the
closest to an efficient algorithm, but he did not show how to find the preferred number of teeth for the pinion.

This information sheet includes the design of spur and helical gears. Other geartypes could be designed by a
similar algorithm with some slight modifications to the one presented here.

AGMA 901-A92 was approved by the Helical Gear Rating Committee in March, 1992 and approved by the
AGMA Board of Directors as of May, 1992.

Suggestions for the improvement of this information sheet will be welcome. They should be sent to the
American Gear Manufacturers Association, 1500 King Street, Suite 201, Alexandria, Virginia, 22314,

. * Numbers in brackets [ ] refer to the list of references in annex E.

Copyright by the American Gear Manufacturers Association
Sat Jul 30 14:36:13 2011



PERSONNEL of the AGMA Committee for Helical Gear Rating

Chairman: D. McCarthy ...
Vice Chairman: N. Hulse ..

AGMA S01-A 92 B 0bA?575 0003145 447 MM

Dorris Company
General Electric

ACTIVE MEMBERS

K. E. Acheson .. The Gear Works—Seattle
M. Antosiewicz .. Falk

J.Bentley ...... Peerless—Winsmith
E.S.Berndt .... C&M of Indiana

J.D. Black . .... General Motors/Allison

W.A. Bradley . ... Consultant

E. J. Bodensieck Bodensieck Engineering
N. K. Burrell ... Metal Improvement Company
M. F. Dalton .... General Electric

G. DeLange .... Terrell Gear Drives

J. R. DeMarais . Bison Gear

R.J.Drago .... Boeing

R. L. Errichello .. Geartech

H.Hagan ...... Cincinnati Gear

H. R. Johnson .. Emerson Power Transmission
O.LaBath ...... Cincinnati Gear

G.Lian ........ Amarillo Gear Co.
ASSOCIATE MEMBERS

J. Adamson .... TIW Systems

R. G. Allenby ... Hamilton Gear

J. Amendola . ... MAAG/Artec

K. Beckman .... Lufkin Industries
D.L.Borden ... Gear Research Institute
E. R. Braun . Eaton

G.Buziuk ...... Brad Foote Gear Works
A.Cardou ..... Laval University

M. R. Chaplin ... Contour Hardening Inc.
J.Cianci ...... General Electric

A. S. Cohen . Engranes y Maquinaria
J.T.Cook ..... Power-Tech

R. DiRusso .... Kaman

D. W. Dudley ... Honorary Member
K.A.Evans .... General Motors—Saginaw
R.Geary ...... Terrell Gear Drives

R. Giuffra ...... ABS

L.L.Haas ...... General Motors/Allison
F. M. Hager .... Cummins Engine
A.C.Hayes .... DACA

W. H. Heller .... Peerless—Winsmith

G. Henriot .. .... Engrenages et Reducteurs
M. Hit ........ Renk Tacke GmbH

D. R. Houser . ... Academic Member
Flrey ........ New Angle Gear
T.W.Jessup ... Lucas Western Inc/ATD
T. Kameyama .. Seiki-Kogyosho
M.Lawrenz .... Metal Improvement Company
J. Liesicki ...... Falk

J. Maddock . Consultant

vi

Copyright by the American Gear Manufacturers Association

Sal Jul 30 14:36:13 2011

.......

......

.....

C.C.Wang ....

H. Winter

E Phl“lps
.D. Pyeatt ..
. Z. Rychlinski

A Thoma
J
J. Trapp
.C.
U

. Gear Engineers, inc

.. WesTech Gear Corp.
. Philadelphia Gear

.. Academic Member
. Sewall Gear

. Arrow Gear

.. Gleason Works
.. Cummins Engine
. Marathon Letourneau

. Alten—Foundry
. Chicago Gear-D. O. James

. Nippon Gear
. Cleveland Gear
.. Academic Member
. Reliance Electric
. Amarillo Gear
. Brad Foote Gear Works
. Det Norske Veritas

. Mechanical Technology

. Flender Corp.

. Honorary Member
.. IMO Delaval Inc.

. Klingeinberg

. General Motors/AGT

Lufkin Industries

Milbum Engineering
The Timken Co.
Pratt & Whitney

Reliance Electric/Reeves
Mobile Pulley & Mach. Works
Sewall Gear

3E Software & Engrg. Cons.

Academic Member

Falk Corporation

Nuttall Gear

Horsburgh & Scott
MAAG

F. L. Smith
F. L. Smith

Xtek Incorporated
Academic Member
Precision Gear

Invincible Gear

. Flender Corp.
Tsubakimoto Chain



AGMA 901-A 92 MR 0L&?575 000314k 313 NN

AGMA 901-A92

A Rational Procedure for
the Preliminary Design
of Minimum Volume Gears

1 Scope

This information sheet is intended for the student or
beginning gear designer, to provide an outline of a
preliminary design procedure which will lead to a
rational design for spur and helical gear pairs within
constraints such as:

- required gear ratio;
- required torque capacity;
— specified center distance;

— material selection.

This method could be extended to other gear types
given the appropriate constants and factors.

1.1 Procedure

The simple closed form of the procedure allows the
designer to explore options with a minimum of
computation so that the important design decisions
regarding loads, overloads, material, and tooling
selections are not obscured by the need to spend a
long time calculating each possibility.

This information sheet will demonstrate to the user
that the traditional beginning point for gear design,
selecting the minimum number of pinion teeth to
avoid undercut, will rarely lead to the best design.

As this procedure is approximate, it is necessary to
audit the design (see clause 6).

1.2 Exceptions

The procedure described herein incorporates major
design considerations and leads toward minimum
volume gear designs based upon the criteria
chosen. For the final gear design, additional
influencing factors beyond those in this information
sheet include shaft deflection limits, sound level,
cost, etc. Any of these could influence the design of
the gear envelope and final volume.
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ltis not the intent of this information sheet to include
the calculation of the profile shift coefficient (adden-
dum modification coefficient). Itis, however, neces-
sary to informthe reader that profile shift exists, how
it can affect gear design, and where it comes into
play in designing a gearset. Some of the important
factors relating to profile shift are discussed in 7 4.

Overhung pinions or gears are not covered by this
information sheet because of the difficulty in deter-
mining an accurate value for the load distribution
factor.

2 Definitions and symbols

2.1 Definitions

The terms used, wherever applicable, conform to
the following standards:

ANSI Y10.3-1968, Letter Symbols for Quantities
Used in Mechanics of Solids

ANSVAGMA 1012-F90, Gear Nomenclature,
Definitions of Terms with Symbols

AGMA 904-B89, Metric Usage
2.2 Symbols

The symbols used in this information sheet are
shown in table 1.

NOTE - The symbols, definitions and terminology used
in this information sheet may differ from other AGMA
publications. The user should not assume that familiar
symbols can be used without a careful study of these
definitions.

3 Input variables

This clause discusses the significant parameters
relating to a preferred geardesign. It is not intended
to be all inclusive, but to be limited by the scope of
this information sheet.

3.1 Materials and heat treatment

Many materials have been used in gearing, but the
most common today is steel. Thisinformation sheet
only applies to steel gearing. There are two
commonly used types of heat treatment for steel
gear materials, surface hardening and through
hardening. The choice of steel alloy must be
compatible with the chosen heat treatment process.
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Table 1 — Symbols used in equations
Symbols Equation

AGMA | 10 Terms Units wh:;a o;nrst
b N, number of power paths — 8
C, K, application factor — pitting — 9
(of zZ, combined derating factor — pitting —_ 30
G Zyr pitting resistance life factor — 26
c, K, load distribution factor — pitting — 9
Cp Z elastic coefficient [Ib/in2]0.5([N/mm?2]0.5) 32
C, a, operating center distance in (mm) 21
C, K, dynamic factor — pitting —_ 30
d d, operating pitch diameter of pinion in (mm) 10
F b net face width (without gap for double helical) in (mm) 25
Hy Hp Brinell hardness — 1
I zZ, pitting resistance geometry factor — 1"
J Y, bending strength geometry factor — 12
K, K, application factor — bending —_ 31
K, Y, rim thickness factor — 31
K, Z, pitting resistance constant in3 (Mm3) 32
K, Y, combined derating factor — bending — 31
K, Yor bending strength life factor — 27
K, K, load distribution factor — bending —_ 9
K, Y, bending strength constant in3 (mms3) 33
K, * dynamic factor — bending - 3
L L gear life hours 3
m, U, aspect (F/d) ratio — 4
my, eg face contact ratio — 25
m u gear ratio (ms;> 1) — 4
me W gear ratio of high speed gearset (m;; > 1) — 15
— m, normal module mm 25M
M, u, overall gear ratio of double stage - 15

gear drive (M,>1)

N N total number of load cycles in gear life —_— 3
N, z, number of teeth in gear — 6
N, z) number of teeth in pinion — 6
N, pre 7] pre preferred number of pinion teeth — 34
n Y speed rpm 3
n, Sy pitting resistance factor of safety —_ 32
n, Sp bending strength factor of safety —_ 33
P P input power hp (kW) 7
Py — normal diametral pitch in-1 25

* The symbol K, is also used for the dynamic factor in ISO standards. However, its value is the inverse

(equal to 1/Ky) of the value used in ANSVAGMA 2001-B88.
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Table 1 (concluded)
Symbols Equation
AGMA | IS0 Terms Units e
q N, number of contacts per revolution —_ 3
S Syp | allowable contact stress number Ib/in2 (N/mm2) 1
Sy Opp allowable bending stress number Ib/in2 (N/mm2) 2
S, Oy | contact strength Ib/in2 (N/mm?2) 28
s, Oy | bending strength Ibfin2 (N/mm2) 29
T T, torque on high speed shaft in Ibs (Nm) 7
T Tp transmitted pinion torque, per mesh in Ibs (Nm) 8
¢, a,, | normal profile angle of cutter degrees 11
v B, standard helix angle degrees 25
Subscripts/Sign convention

1 high speed (pinion)

2 low speed (wheel)

n normal (no subscript indicates transverse)

G gear (wheel)

P pinion

r operating or running
®) upper sign external gearsets, lower sign interal gearsets

3.1.1 Surface hardening

Surface hardening takes place after tooth cutting,
usually on gears made from hot rolled bar or forged
steel.

3.1.1.1 Carburized

Carburized steel is most commonly used for highly
loaded, compact designs such as aircraft gears,
vehicle transmissions of all types, machine tools,
industrial gear drives, mining machines and similar
uses. This material has the highest strength and
greatest overload capacity, but carburized gears
must be carefully manufactured. Carburized gears
often result in the least expensive overall transmis-
sion design, if their advantage in small size for a
given capacity can be utilized. Few manufacturers
can produce carburized gears larger than 40 inches
in diameter, though some can make them over 100
inches in diameter. Secondary finishing operations
after carburizing, such as tooth grinding, are often
required to achieve the desired tooth form. This is
often required to eliminate the distortions caused by
heating and cooling employed in the carburizing
process.
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3.1.1.2 Nitrided

Nitrided steel is most commonly used for small
gears, finer than 10 diametral pitch (2.5 module)
because the maximum case depth is limited. Some
large gears are nitrided to avoid the distortion
inherent in the carburizing process. Typical applica-
tions are industrial gear drives and small machine
tools. Nitrided gears have limited shock resistance.
This information sheet does not address nitrided
gears, as reference [5] does not provide life factor
curves for nitrided gears.

3.1.1.3 Induction and flame hardened

Induction and flame hardened steels are used to
achieve intermediate capacities between car-
burized and through hardened gears. These
processes are difficult to control, but give good
results when carefully controlled. This information
sheet does not address induction or flame hardened
gears, as they are not recommended for
inexperienced designers.

3.1.2 Through hardening

Through hardened gears typically have teeth cut in
pre-heat-treated gear blanks, with no further heat
treatment after cutting. The raw material can be hot
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rolled, cast, or forged. Hardness is chosen on the
basis of machinability, using the lowest hardness
which will carry the load on the required center
distance.

The allowable stress numbers shall be based onthe
lowest hardness in the heat treatment specifica-
tions. Typical heat treatment specifications have a
40 BHN tolerance between the minimum and
maximum hardnesses. The hardest heat treatment
range that can be machined without special
techniques is 320-360 BHN. The normal lowest
range of hardness is 180-220 BHN, because lower
values are difficult to machine.

Through hardened gear sizes commonly range
from less than one inch to over 20 feet in diameter.
Typical applications vary from instrument gears to
girth gears on large mills and kilns. When gears
cannot be of minimum size because of required
center distance, rigidity requirements or thermal
limits, or when loads are low, through hardened

gears are commonly used. Internal gears are often
through hardened.

The selection of a proper alloy for hardenability and
reliability as well as the quality control of the steel
manufacturing and heat treatment process are
beyond the scope of this information sheet. Guid-
ance can be found in section 14 of [5], as well as [6]
and [7].

3.1.3 Elastic coefficient, C,

The rating of gears also depends on the elastic
coefficient, Cp . Further information can be found in
section 10 of [5]. The elastic coefficient for a steel
pinion and gear is 2300[Ibs/in2]0.5 (191[N/mmz2]0-5).

3.1.4 Allowable stress numbers

The allowable stress numbers for some heat
treatments, surface hardness and steel quality
grades are shown in tables 2 and 3. There are two
grades of allowables shown in tables 2 and 3. The
allowable stress numbers are valid only when the
requirements of ANSVAGMA 2001-B88, section 14
are met.

Table 2 — Allowable contact stress numbers for steel gears1

Material Heat Minimum Allowable contact stress number, 5,
designation treatment hardness at bfin2 (Nmm2
surface Grade 1 Grade 2
Steel Through 180 BHN and less 85 000 95 000
hardened (590) (660)
240 BHN 105 000 115 000
(720) (790)
300 BHN 120 000 135 000
(830) (930)
360 BHN 145 000 160 000
(1000) (1100)
400 BHN 155 000 170 000
(1050) (1150)
Carburized
and case 180 000 225 000
hardened (1250) (1550)
1) The data in this table has been extracted from ANSI/AGMA 2001-B88. The metric values have been revised per|
AeG‘cth?& 91(‘)‘:&—[Bear£:‘.et The allowable stress numbers are valid only when the requirements of ANSI/AGMA 2001-B88,
S a o
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Table 3 - Allowable bending stress numbers forsteel gears?

Material Heat Minimum Allowable bendin st'ress number, s,;
designation treatment hardness at 1b/in2 (N/mm?)
surface Grade1 Grade 2
Steel Through 180 BHN and less 25 000 33000
hardened (170) (230)
240 BHN 31000 41 000
(215) (285)
300 BHN 36 000 47 000
(250) (325)
360 BHN 40 000 52 000
(275) (360)
400 BHN 42 000 56 000
(290) (385)
Carburized 55 000 65 000
and case (380) (450)
hardened
1) The data in this table has been extracted from ANSI/AGMA 2001-B88. The metric values have been revised per
AGMA 904-B89. The allowable stress numbers are valid only when the requiremients of ANSI/AGMA 2001-B88, sec-
tion 14 are met.

Allowable stress numbers for grade 1 through
hardened steel for unity life factor are:

Sae = 26 000 + 327 Hy (1)
Opp =179 +2.25 Hy ..(1M)
Sae = =274 + 167 Hp — 0.152 Hj {2)
Opp =-1.89 + LIS Hp- 000105 Hf  ..(2M)

where

5,0 (oyp) is allowable contact stress number in
pounds per square inch (newtons per
square millimeter);

5. (Ogp) is allowable bending stress number in
pounds per square inch (newtons per
square millimeter);

Hp is Brinell hardness.
3.2 Design life

When evaluating gearing, it is important to know
how many stress cycles the individual gears will
experience during the intended life of the
equipment. Some machines will run twenty-four
hours per day and operate for twenty or more years.
Other machines have gears that have total life
requirements of a few hours. The gear designer

Copyright by the American Gear Manufacturers Association
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should obtain the design life that is appropriate for
the application. The required life in load cycles, N,
will be used to determine the life factors.

N = 60Lng --(3)
whete
N  isthetotal number of load cycles in the gear
life;

L isthelife, in hours;

n  isthe speed, in rpm;

q s the number of contacts per revolution.
3.3 Aspect ratio

The aspect ratio, m, , also known as the pinion face
width to diameter ratio, F/d, is an indicator of how
sensitive a gear set is to misalignment. In this
algorithm the aspect ratio is input, rather than the
face width. The ratio used will affect the value for
C,, and X, . Thisisbecause changes in the aspect
ratio change the face width of a gearset. This will, in
turn, increase or decrease the effect of any
mounting errors or deflections under load. For this
reason, as one changes the aspect ratio, one must
appropriately alterC,, and X,,, .

Opinions vary regarding what is good design prac-
tice for an aspect ratio. Some factors that influence
one’s selection are ratio, materials, shaft deflection,
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housing deflection, housing accuracy, bearing
clearances, centrifugal and thermal deflections,
and tooth crowning. In the absence of experience,
equations 4 and 5 may be used. These will resultin
aspect ratios which will be conservative for most
applications.

Aspect ratio, m, (F/d):

m
m = ——C— (for spur and single helical)
a Mo + 1 (4)

2mg (for double helical without

a~ mg +1 includingthe gap) ...(5)
where
Ng ®)
= 210 ot
Ms N,

3.4 Input power, P

Input power, P, is the total power input. If there are
multiple power paths (where b >1), each path takes
a portion of the input power. This document
assumes that each path receives an equal share of
the input power, but in practice extra steps must be
taken to approach equal load sharing between
power paths. See figure 1 for an example where b =
2.

3.5 Combined derating factors, C; and X,

For the purposes of this information sheet, the
additional factors (application factor, load distribu-
tion factor, dynamic factor and the rim thickness
factor) that affect gearset rating are combined into
one derating factor for pitting resistance, C; ,and a
second for bending strength, K;. These are
defined in equations 30 and 31.

3.5.1 Application factor, C, and X,

The application factors make allowance for any
externally applied loads in excess of the nominal
tangential load. This factor must be based upon the
past experience of gear drive users and manufac-
turers. Examples may be found in appendix A of [8].
Typical application factors are shown in table 4.
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Table 4 — Typical application factors”,

C, and K,
Application
factor Driven Equipment
C.. Kg
1.25 Uniformly loaded conveyors
Pure liquid mixers
Centrifugal compressors
Rotary or centrifugal pumps
1.50 Non—uniformly fed conveyors
Variable density mixers
Lobe compressors
Reciprocating pumps
1.75 Multi-cylinder reciprocating
compressors
Rubber extruders
2.0 Reciprocating conveyors
Single—cylinder reciprocating
compressors
Laundry washers
*Taken from appendix A of [8), for gearing driven by
electric or hydraulic motors.

high speed
gear:

low speed pinion

IN OouT |

high
speed

pinion low speed gear

Figure 1 — Two branch double stage gearing

Most electric or hydraulic motors and steam or gas
turbines are considered smoothly operating drivers,
while multi-cylinder engines produce medium {evel
shock loading and single—cylinder engines produce
heavy shock loads. Add a value of 0.25 to the
application factor given in table 4 if the driver is a
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multi-cylinder engine, or 0.50 if the driver is a T P (63 000)
single—cylinder engine. 1= npy ~(7)
3.5.2 Load distribution factor, C,, and X, T, = P (9550) ™)
The load distribution factor modifies the rating r @1
equations to reflect the non-uniform distribution of Tpy = — 8
load along the lines of contact. Reference [5] b ~(8)
provides two methods for determining this factor, where
analytical and empirical. The analytical method
requires knowledge of the design, manufacturing, b  is the number of power paths;

and mounting to evaluate the load distribution
factor. For this reason, the analytical method is
typically used only by experienced engineers and
should not be used for preliminary design. The
empirical method requires a minimum amount of
information. This method is recommended for
relatively stiff gear designs which meet the following

np, is the speed of high speed pinion, in rpm;

T, isthe torque on high speed shaft, in in-lbs
(Nm);

Tp; s the transmitted pinion torque, per high
speed mesh, in in—lbs (Nm);

requirements:
— Aspect ratio, F/d < 2.0. (For double helical P isthe input power, in hp (kW).
gears the gap is not included in the face width.);
T, C, \0.33
— The gear elements are mounted between bear- C, =K, =1+ ma[0_2+0,0054( P ") ]
ings. Designs having overhung pinions, over- Ma

.(9)

1 Tp K, 033
Ky =1+ u (02400112 ——4
bl (am)

hung gears, or both, require extensive analysis
to determine the load distribution factor and are
not covered by this information sheet;

~ Face width up to 40 inches;

Once the pinion operating pitch diameter, d, is
known, a more accurate approximation of load
distribution factor can be found with equations 10 or

— Contact across full face width of narrowest
member when loaded.

When using the empirical method, the calculated

10M.
value of C,, and K,, depends on many items but is
basically a function of net face width and alignment. Chn =K, =1+ m, (02+0.03d) ...(10)
Unfortunately, at this point in the design, the net Ky = 1+ up (02400012 d) . (10M)

face width is not known. To get an approximation

forG, and K, based on pinion torque, application
factor, and aspect ratio, use equations 9 or 9M, or

table 5.

Do not use equations 9, 9M, 10, 10M, ortable 5 fora
final design audit, but rather follow the procedure
giveninclause 6. See [5] for a complete discussion.

Table 5 - Typical load distribution factors

. Tp G C,and K,
Pinion torque) x (Application factor)

in Ibs (Nm) m, =025 m, =0.50 m, =0.75 m, =1.00

5000 (550) 1.10 1.15 1.25 1.30

50 000 (5600) 1.15 1.25 1.30 1.40

500 000 (56 500) 1.20 1.35 1.50 1.65
‘ 5000000 (565 000) 1.40 1.70 1.90 210

7
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3.5.3 Dynamic factor, C, and X,

Dynamic factors, C, and K, , account for internally
generated gear tooth loads which are induced by
non—conjugate meshing action of the gear teeth.
Externally applied dynamic loading or resonance
operation is not applicable to the dynamic factor and
is usually accommodated in the application factor.
Dynamic factors are essentially dependent on gear
pitch line velocity and gear quality. For simplicity,
this information sheet uses C, =K, =0.7 as afirst
approximation, whichis conservative for most appli-
cations. See [5] for a more detailed explanation of
dynamic factor.

3.5.4 Rim thickness factor, K,

Where the rim thickness is not sufficient to provide
full support for the tooth root, the location of bending
fatigue failure may be through the gear rim, rather
than at the root fillet. The rim thickness factor, Kp ,
adjusts the calculated bending stress number for
thin rimmed gears.

In generall, this factor can be taken as unity if the rim
section below the tooth is at least 20% greater than
the tooth height, unless keyways, splines, or
notches are present in the bore. Otherwise, see ap-
pendix C of [5] for a more detailed analysis.

3.6 Geometry factors, I and J

Geometry factors for pitting resistance, 7, and bend-
ing strength, J, are approximated by the following
equations.

Geometry factors for spur gears:

sin ¢, cos ¢,  mg
- o (1)

J = 045 (12)

I =

Geometry factors for helical gears:
1+ 0.00682 ¢, mg

'z —Z5se— g +1 ~{18)
J = 050 {14
where

() upper sign is for external gearsets, lower
sign is for internal gearsets;

¢, is the normal profile angle in degrees.
See 3.8.

Copyright by the American Gear Manufacturers Association
Sat Jul 30 14:36:13 2011

Equations 13and 14 above assume y = 15° and will
change for other values of y.

Values of J = 0.45 for spur gears and J = 0.50 for
helical gears are starting points that can normally be
achieved through good design procedures when
selecting profile shift and tooling. Jfactorsaslowas
0.20 and as high as 0.75 are not uncommon, but
usually are not found in optimurn designs.

3.7 Gear ratio

The gear ratio, m;,isan input that must be known.
In many situations the ratio is so large that there
should be more than one stage. Whenthe gearratio
approaches or exceeds 6:1, it may be more
economical to add a second stage. To optimize the
design, one must first optimize the overall ratio split
between the various meshes. This subclause
provides two methods for optimizing the ratio split;
one based on minimumvolume and a secondbased
on preexisting housing designs.

In either case, internal clearances between rotating
and stationary parts must be maintained. Also,
adequate room must be available for bearings with
enough capacity for the application. Both methods
balance the rating of each mesh by equalizing the
pitting rating of each pinion.

3.7.1 Minimum volume gearsets

One method is to split the overall ratio to minimize
the sum of the solid rotor volumes. This method is
discussed in [9] and annex B. The “minimum vol-
ume” gear ratio of the high speed gearset of a two
stage gearbox with b power branches is given by:

2
v -1 - (@)
b”b% Cop/\11 Sacl

0.112 0112, 1112
x[(—_bo.xss o )+2.112 pOLI2 py L1

..(15)

Cn s the load distribution factor for pitting re-
sistance — high speed mesh;

Cnay s the load distribution factor for pitting re-
sistance — low speed mesh;

I;  isthe geometry factor for pitting resistance
— high speed mesh;




AGMA 901-A 92 ER 0LA&7575 0003L54 49T N

I,  isthe geometry factor for pitting resistance
- low speed mesh;

is the gear ratio (mg;, > 1) — high speed
mesh

M, is the overall gear ratio (M, > 1);

$,c1 is the allowable contact stress number —
high speed mesh;

5,c2 is the allowable contact stress number —
low speed mesh.

lteration is necessary to solve for mg, since it
appears three places in equation 15. Equation 15

may be solved by defining:
X =mg, ...(16)
4o (&) (12_)(__2_)2 17)

Cm2/ \ 1 J\ %c1
B=01125%1% .(18)
C=2112p%12 ..(19)

And iterating this equation:
-0.5

Xl =M A[( ﬁ} CX 1-“2] +b

..(20)

Assuming an initial approximation for X = M2* | it is
successively improved upon by iterating equation
20 each time setting X = X1 (from the previous
iteration). Iterate until | X - X1|< 0.001.

3.7.2 Fixed housing designs

The method in 3.7.1 will not normally work when
designing gears for an existing gearcase where the
center distances are fixed and face widths may be
constrained. In such situations, the best way to split
the overall gear ratio may be to balance the pitting
ratings of each mesh.

By reworking the same equations from reference
[9], abalanced gear train can be achieved by proper
splitting of the overall ratio of a multiple stage
gearcase. This method is discussed for a two stage
existing gearcase in annex C. The “balanced rating”
gear ratio of the high speed gearset of an existing
two stage gearbox, with b power branches, is given
by:
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Mo+ Mg, )3m 2112

()
May I Cn2 Ca Sacl

-(21)
where
C, isthe center distance of high speed mesh;

C, isthe center distance of low speed mesh;

m,, isthe aspect ratio of high speed mesh;
m,, is the aspect ratio of low speed mesh.

lteration is necessary to solve for mg; since it
appears three places in equation 21. Equation 21
may be solved by defining:

X = mG]. ...(22)

13
e
”f'xl Il Cm2 Crl sacl

....(23)
and iterating this equation:
M +X
X1= (T‘W) -1 ..(24)

Assuming an initial approximation for X = M)° , itis
successively improved upon by iterating equation
24 each time setting X =X1 (from the previous
iteration). lterate until | X — X1 < 0.001.

3.8 Cutter profile angle

The cutter normal profile angle, ¢, , is generally
chosen from the range between 14.5° and 25°.
Standard values are 14.5°, 17.5°, 20°, 22.5°, and
25°. The starting value should be 20°, since the ma-
jority of cutting tools use that angle, are universally
available, and will usually provide satisfactory gear
tooth geometry.

Tools with smaller profile angles can be used to
obtain higher transverse contact ratios when lower
noise levels or less sensitivity to center distance
change are desirable. These gears usually have
high numbers of teeth and are relatively lightly
loaded, as in telescopes, antenna drives, and
precisioninstruments. Itis generally easier to obtain
gears which operate quietly when pressure angles
are low.
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Tools with higher profile angles are sometimes
used when bending strength is the most important
requirement. These gears usually have lower
numbers of teeth and are heavily loaded, as in
mining machines, rotary actuators, and rock
crushers. These gears often operate at low speeds
in noise tolerant environments.

The effect of higher or lower cutter profile angles
can also be achieved with 20° cutters by increasing
or decreasing the operating center distance to
change the operating pressure angle of the gearset.
Many companies use nonstandard cutter profile
angles to optimize tooth root geometry or to
accomplish specific design goals. The selection of
those special cutters is beyond the scope of this
information sheet.

3.9 Tool selection

The number of gears being produced can influence
the geometry on the basis of gear cutter selection.
For high production situations, an ideal tool can be
developed. But when only a few gear components
are required, the design should be based on
standard or readily available cutters. This can
usually be accomplished by varying the helix angle
or profile shift to match the required center distance
and ratio (see 7.4).

3.10 Selecting a helix angle

Helix angle selection is not an arbitrary procedure,
but one that requires a knowledge of what the
proper choice can provide. The main function of a
helix angle is to provide a high enough face contact
ratio to ensure smooth transmission of power from
one toothto the next during meshing. See table 6 for
other considerations. For single helical gears, a
good starting point is 15° and for double helical
gears, ahelix angle of either 23° for hobbed gears or
30° for shaped gears, will be adequate in the
beginning. Before selecting the final helix angle,
check tooling, bearing rating, shaft deflection, and
equipment availability.

Theface contact ratio, my , must be greaterthan 1.0
for a gear to be considered a conventional helical
gear. If the face is too narrow, the pitch too coarse,
or the helix angle too low, the gear will have my
equal to or less than 1.0 and have no effective

10
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overlaps. The following equation shows the effect of
gear geometry on mg:

F P, siny ..(25)
bsin B
_ —t
8[; = am, ...(25M)
where

F isthe netface width, in inches (millimeters);
P,; is the normal diametral pitch, in inches-1;
y s the standard helix angle;

my, is the normal module, in millimeters.

From this equation it can be seen that the normal
diametral pitch (or normal module), net face width,
and helix angle all influence the face contact ratio.

3.11 Factor of safety

The factors of safety are n, and n,. The term
“factor of safety” has historically been used in
mechanical design to describe a general derating
factor to limit the design stress in proportion to the
material strength. A factor of safety accounts for
uncertainties in:

design analysis;

manufacturing;

applied load;

quality consistent with design requirements.

Factor of safety also takes into consideration:

— human safety risk;
— economic risk.

The greater the uncertainties or consequences of
the above parameters, the higher the factor of
safety should be. As the values of all the variables
within the algorithm are known with more certainty,
the value of the factor of safety can be reduced.

The factor of safety for bending strength is often
selected to be greater than the factor of safety for
pitting resistance to reduce the likelihood of
catastrophic failure (see clause 4).

For inexperienced gear designers, conservative
selection of variables within the algorithm is
recommended.
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Table 6 - Effects of helix angle in parallel shaft gearing

Spur gearing:

— Spur gears impose mainly radial loads on bearings. In practice, thrust loads may exist;

—Usually noisier than helical gears because there are fewer teeth in contact, and the dynamic loading occur-
ring during a mesh cycle is greater,

— Pitchline velocities are usually limited to 3000 feet per minute without special design considerations;

— Less load capacity than helical gears of the same proportions.

Single helical gearing:

— Usuallly quieter than spur gears because there are more teeth in contact, and because less severe dy-
namic loading occurs during a mesh cycle;

— Very high pitchline velocities are obtainable with proper design considerations;

- Higher load capacity than spur gears of the same proportions;

— Thrust loads and overturning moments are generated due to the helix angle, so bearings and housings
must be designed accordingly.

Double helical gearing:

— Gear tooth generated thrust loads oppose each other;

- Usually quieter than spur gears because there are more teeth in contact, and less severe dynamic loading
occurs during a mesh cycle;

— Very high pitchline velocities are obtainable with proper design considerations;

— More difficult to manufacture;

— Gap between opposing helices must be wide enough for tool clearance. This gap adds weight and length
to the gear design;

— At least one member of the gearset must be allowed to float axially;

— The two helices cannot be matched perfectly, so dynamic loading of a member occurs;

- External thrust loads (j.e., couplings, bearings, inertial forces, and the like) on the floating member can
create an overload condition on one of the helices.

4 Preferred number of pinion teeth SCUFFING

FAILURE

The preferred number of pinion teeth attempts to UNDERCUTI
-

maximize the load capacity of a gearset. Figure 2 = PITTING

shows that load capacity is limited by pitting fatigue, Q c FATIGUE

bending fatigue, or scuffing failure depending onthe o ¢

number of teeth in the pinion. Also, there is a lower S X

limit to the number of teeth, below which undercut g “™ BENDING
o FATIGUE

occurs. The hatched zone is bounded by all three
failure mode curves and the undercut limit. It ap-
plies to a homologous class of gears with a specific
combination of gear geometry, material properties,
and application requirements.

PINION TOOTH NUMBER, Np

Figure 2 - Preferred number of pinion teeth
Therelative positions of the curves change as these

parameters change, as demonstrated in figures 3
through 5. The algorithm presented here directly
solves for the preferred number of pinion teeth
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making it unnecessary to draw these figures, which
are shown strictly for demonstrating the concept of
the preferred number of pinion teeth. The curve
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marked “Pitting Fatigue”, representing the pitting
resistance of the gearset, is relatively flat, being
only weakly influenced by the number of pinion
teeth. In contrast, the curve marked “Bending
Fatigue”, representing the bending strength, de-
pends strongly on the number of pinion teeth and it
drops rapidly as the number of teeth increases.
Maximum load capacity occurs at point “A” where
the pitting resistance and bending strength are
balanced. For more pinion teeth (to the right of point
“A") load capacity is controlled by bending fatigue,
while for fewer teeth (to the left of point “A”) load
capacity is controlled by pitting fatigue.

The two failure modes are quite different. Pitting
fatigue usually progresses relatively slowly, starting
with a few pits which may increase in number and
coalesce into larger spalls. As the tooth profiles
deteriorate with pitting, the gears typically generate
noise and vibration which wams of the pitting
fatigue failure. In contrast, bending fatigue may
progress rapidly as a fatigue crack propagates
across the base of a tooth, breaking the tooth with
little or no warning. Hence, pitting fatigue is often
less serious than bending fatigue, which is
frequently catastrophic.

Considering the differences between pitting fatigue
and bending fatigue, it is prudent to select the
number of pinion teeth somewhat to the left of point
“A” (shown by the vertical column marked Np,.)
where pitting fatigue controls rather than bending
fatigue. With this design approach, not much load
capacity is lost because the pitting fatigue curve is
relatively horizontal, while a margin of safety
against bending fatigue is gained. This practice
should not be carried to extremes, because pinions
with few, large teeth (with high specific sliding
ratios) are prone to scuffing (see point “B” on curve
marked “Scuffing Failure”).

Some textbooks recommend using a number of
teeth for the pinion equal to the minimum required to
avoid undercut. This gives gearsets with less than
optimum load capacity which are prone to scuffing
(see point “C"). For information on scuffing, see
appendix A of reference [5]. A pinion tooth number

12
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near Np,. provides a good balance between pitting
resistance and bending strength, and since the
teeth are no larger than necessary, the risk of
scuffing is reduced.

Figures 3 through 5 demonstrate how the three
limiting elements—pitting fatigue, bending fatigue,
and scuffing failure—interact to identify a preferred
number of pinion teeth based on gear geometry.
Figure 3 illustrates an unmodified spur gearset.
Here, the three elements converge, providing a
limited tooth number selection at maximum load
capacity. Figure 4 shows how the range of
preferred teeth selection broadens by modifying the
addendum of the same gearset. Figure 5 illustrates
how some gearset designs may not make full use of
the calculated load capacity. This is an example
where redesign should be considered.

Some designers may require a hunting tooth
combination for the gear set. This will restrict the
acceptable combinations of teeth. A hunting
combination is one in which any pinion tooth
contacts every gear tooth. The tooth combination of
108/33 would not be hunting since there is a
common factor of 3, meaning that any pinion tooth
would eventually contact every gear tooth, but no
other gear teeth. The combination of 109/34 is a
hunting footh combination as it has no common
factors (other than unity) and therefore each pinion
tooth will eventually contact every gear tooth.

SCUFFING

- FAILURE
(&) UNDERCUTI
=X | PITTING
S FATIGUE
o ,":b"'"'r,,"‘" >
= ~* BENDING
S Cire FATIGUE
Npore
PINION TOOTH NUMBER,N,,

Figure 3 ~ Preferred number of pinion teeth
for spur gear (unmodified)
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UNDERCUT

i

SCUFFING
FAILURE

PITTING
FATIGUE

LOAD CAPACITY

PINION TOOTH NUMBER,N,,

Figure 4 ~ Preferred number of pinion teeth
for spur gear (modified)

UNDERCUT

SCUFFING
FAILURE

PITTING
FATIGUE

e

S Yoy 8
BENDING
FATIGUE

LOAD CAPACITY

- N,,pre

PINION TOOTH NUMBER,N,

Figure 5 — Preferred number of pinion teeth
for spur gear where redesign should be
considered

5 Design algorithm

There is no need for cut-and-try procedures for
gear design if one exploits the near independence
of pitting resistance and the number of pinion teeth.
The following algorithm solves for the diameter and
face width of the pinion based on surface fatigue
and solves for the preferred number of pinion teeth
by simultaneously satisfying the surface fatigue and
the bending fatigue constraints. It is derived from
equations given in [5] and [10], and is limited to
steel. Because it is necessary to approximate the
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geometry factors I and J, the final design must be
verified using [5] and [10].

Life factors are:
102G = 24660 (N) 09560 ...(26)
10>K, = 16831 (N)~00%23 .(27)

G, and K; must be less than or equal to 1.0 for this
algorithm.

Contact strength is:

Spe =Cp S ...(28)

Bending strength is:

=K; 5, (for constant reverse bending,
such as idler gears, multiply s,,
by 0.7) --(29)

The contact strengths and bending strengths are
calculated for both the pinion and gear and the
lesser of the pinion and gear values for 5, and s,
are used in the following equations.

S

Combined derating factor:
. %Cn ..{(30)
Cd - Cv
K K K
= —a_m B ..(31)
K; = ra
where:

Ce » K, is the application factor;

Cn, K, is the load distribution factor;
G, , K, is the dynamic factor;

Kp is the rim thickness factor.

Pitting resistance constant in inches cubed (milli-
meters cubed):

126 P 2
- BWIG (GRY
np e )
1.91X 10”[’Zd ZE Ss \2
L = NeZ;, G, i
bor ™l HN ...(32M)
where
Cp = 2300 (Ibs/in2)0.5 (191[N/mm2]0.5),
13
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Bending strength constant ininches cubed (millime-
ters cubed):

126000P K; n,

= ..(33
ki bJnp Sm 39)
K‘ = 1.91 X 107 PYd SF ...(SSM)
Ny Y o1 OFN
Preferred number of pinion teeth:
K. 1 J Sm (CP "6)2
Newe = == = =72
K; Kp I 5, ny ..(34)
(round to an integer)
Pinion operating pitch diameter:
K, 13
- (&) 9
Face width:
F = dm, ..(36)

The equations in clause 5 calculate a preliminary
value for the pinion operating pitch diameter, d. With
this, one can calculate an approximate operating
center distance. This value is rarely the actual
center distance to be used. It only gives the
designer a starting point.

ifthe operating center distance, C, , is known, d and
F may be calculated with equations 37 and 38.

2¢,

d = m ..(37)
K
F = —d ; ...(38)

If 4 and F are obtained from equations 37 and 38,
the aspect ratio should be calculated with equation
39.

(39)

If m, is greater than recommended by equation 4
for spur or single helical or equation 5 for double
helical, then the operating center distance, C,,
should be increased or the pitting resistance con-
stant, K, should be decreased.

14
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6 Design audit

When the profile shift (7.4 and annex A) is selected,
the gear design is complete. Itis necessary to audit
the design by analyzing the stresses and life cycles
(using [5] and [10]) because approximate values
were used for 7 and J. The only change that is
usually required to meet the design life is a small
adjustment of the face width. Before proceeding, it
is suggested that the design be reviewed by an
experienced gear designer for practicality and
economic feasibility.

Although it is beyond the scope of this information
sheet, the selection of the lubricant type and
viscosity should be verified by calculating the film
thickness and flash temperature to ensure that they
are within allowable limits as they relate to scuffing
resistance. See appendix A of [5].

7 Considerations for improved rating

If the gearset being designed does not meet the rat-
ing requirements of bending fatigue, pitting fatigue,
or scuffing resistance, the design should be altered
to improve the power or life rating of the weak
area(s). Changing a gear design parameter may
help one area and hurt another, and may also affect
other non—gear items such as bearings. Some
things that help improve the bending fatigue, pitting
fatigue, and scuffing resistance are listed below.

7.1 Improve bending fatigue resistance with:
— lower load;
- increased center distance;

— coarser pitch (fewer teeth on the same di-
ameter gear);

— higher operating pressure angle;
— helical (vs. spur) tooth design;
— carburized material;

— higher surface hardness with appropriate
core hardness of material;

~ improved gear accuracy;

- higher quality material;

- wider effective face width (up to a specified
F/d limit);

— profile shift for balanced bending fatigue life;
— large, smooth root fillets in teeth;

— shot peening roots of teeth*.
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7.2 Improve pitting fatigue resistance with;
- lower load;
— increased center distance;
— finer pitch (more teeth on the same diameter
gear);
— higher operating pressure angle;
- helical (vs. spur) tooth design;
- carburized material;

- higher surface hardness with appropriate
core hardness of material;

— improved gear accuracy;

— higher quality material;

— wider effective face width (up to a specified
F/d limit);

— profile shift for balanced specific sliding;

— proper tip and/or root relief*;

-~ higher EHD film thickness of the lubricating
oil*;

— smoother tooth surfaces by careful manufac-
ture and run—in;

— improved quality of lubricant*.

7.3 Improve scuffing resistance with:
— lower load;
— reduced gear bulk temperature;
— higher operating pressure angle;
— higher EHD film thickness of the lubricating
oil;
- anti—scuff EP additives in the oil;

— smoother tooth surfaces by careful manufac-
ture and run—in;

~ proper tip and/or root relief;

— profile shift for balanced flash temperature;
— improved gear accuracy;

— finer pitch (more gear teeth);
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- reduced speed;

— silver or copper plating of gear teeth*;
— improved quality of lubricant”;

- nitriding steel.

7.4 Profile shift (addendum modification)

Once the pitch diameter, face width, and preferred
number of teeth for the pinion are determined with
the design algorithm, routine methods are used to
select most of the other necessary design parame-
ters. Included in this list are the number of teeth on
the gear, normal diametral pitch, and operating
center distance. However, afinal gear design is not
complete until the profile shift has been selected.

The profile shift is the amount that is added to, or
subtracted from, the gear teeth addendum to
enhance the operational performance of the gear-
set or meet fixed design criteria. The determination
of the amount of the shift is based on the following
criteria:

~ avoiding undercut teeth;

-~ balanced specific sliding;

— balanced flash temperature;

~ balanced bending fatigue life;

— avoiding narrow top lands.

Itis not the intent of this information sheet to include
the calculation of the profile shift coefficient. It is,
however, necessary to informthe reader that profile
shift exists, how it can affect gear design, and where
it comes into play in designing a gearset. A
discussion on the determination and effects of
profile shift is presented in annex A.

7.5 Summary

Be sure to re-analyze the design, if it has been
altered, to determine the amount of benefit gained
from the alteration(s).

Denotes an item that should help, but no benefit is shown in the analytical rating per [5).

15




AGMA 901-A 92 EE 0687575 00031kl L2T IR
AGMA 901-A92

16

Copyright by the American Gear Manufacturers Association
Sat Jul 30 14:36:13 2011



AGMA 901-A 92 EE 0b87575 0003lke 56L WM

AGMA 901-A92

Annex A
(informative)
Profile shift (addendum modification)

[This annex is provided for informational purposes only and should not be construed as a part of AGMA 901-A92, A

Rational Procedure for Designing Minimum Volume Gears.]

A.1 Profile shift
Once the diameter, face width, and preferred
number of teeth for the pinion are determined with

— balanced flash temperature;
— balanced bending fatigue life;
-~ avoiding narrow top lands.

the design algorithm, routine methods are used to
select the number of teeth in the gear, normal
diametral pitch, and operating center distance.
However, the gear design is not complete until the
profile shift has been selected after considering the
following criteria:

The profile shift should be large enough to avoid
undercut and small enough to avoid narrow top
lands. The profile shifts required for balanced
specific sliding, balanced flash temperature and
balanced bending fatigue life are usually different.
Therefore, the value used should be based on the
criterion that is judged to be the most important for
the particular application.

- avoiding undercut;
- balanced specific sliding;

Table A.1 — Symbols used in equations

Symbols Terms Units | o ::",’f:;f:sed
B, normal operating circular backlash in A19
C standard center distance in A4
q distance to SAP (see figure A.1) —_ A12
G distance to EAP (see figure A.1) — A12
G distance between interference points (see figure 2) —_ A12
C, operating center distance in A6
hal, ha2 addendum, pinion and gear in A22
A bending strength geometry factor, pinion and gear — A18
ks tip—shortening coefficient — A.20
mg gear ratio > 1.0 — A1l
n, ny number of teeth, pinion and gear — A1
P normal diametral pitch in—1 A2
R\, R, standard pitch radius, pinion and gear in A2
Rp1,Ryp base circle radius, pinion and gear in A4
R, R, outside radius, pinion and gear in A.14
Su1 » Sna reference normal circular tooth thickness, pinion and gear in A32
Sul 1 S bending strength, pinion and gear Ib/in2 A.18
XXy profile shift coefficient, pinion and gear — A.10
X minimum profile shift coefficient to avoid undercut — A1l
Xo1r Xgp generating rack shift coefficient, pinion and gear —_ A.30
AC center distance modification in A.20
As,, , As,, | tooth thinning for backlash, pinion and gear in A.19
Zx sum of profile shift coefficients — A9
Zxy sum of generating rack shift coefficients — A.36
continued
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Table A.1(concluded)
S Equation
ymbols Terms Units | here first used
(] standard transverse pressure angle —_ A5
O, standard normal pressure angle — A5
9, operating transverse pressure angle — A6
| standard helix angle — A5
Subscripts/ sign convention
1 pinion
2 gear
n normal (no subsctript indicates transverse)
r operating or running
) upper sign external gearsets, lower sign internal gearsets
A.2 Basic gear geometry A.3 Sum of profile shift coefficients for zero
backlash
= A1) . .
mg = = (A P _
nl Zx = C nd (mv ¢T my ¢) ...(A.g)
tan ¢
o
Rl = —mm— -(A.2)
2P, cosy x =x % x ...(A.10)
A.4 Avoiding undercut teeth
R2 = R 1 "'b ---(A.3)

There are a number of design options to compen-
sate for undercut teeth, including profile shift. The
C = R,xR| -(A.4) design algorithm presented here will usually pro-
vide a number of pinion teeth considerably larger
than the number needed to avoid undercut pinion
teeth. It is important, however, to understand what
¢  =arctan (E“Jn_) .(A5) undercut is and how it is produced.

Undercut is a condition in generated gear teeth

c where any part of the fillet curves lies inside a line

arceos ('C_ cos ¢) ~{A.6) drawn tangent to the working profile at its point of
juncture with the fillet. For such gears, the end of the

cutting tool has extended inside of the point of tan-

gency of the base circle and the pressure line, and

tan g — ¢ (A7) removed an excessive amount of material. This
removal of material can weaken the tooth and also

(A8 may reduce the length of contact, since gear action
can only take place on the involute portion of the

flank. Should a gear be made by another method

¢,

inv ¢

inv b, tan ¢~ o
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that would not undercut the flanks, there may be
interference of material and generally the gear
would not mesh or roll with another gear. See [1]*.

Conditions which lead to the design of gears with
small numbers of possibly undercut teeth are: high
material hardness, short design life, large gear
ratios, and high bending fatigue safety factors. With
reasonable selections of these parameters, the
algorithm gives Np pre @ value usually greater than
20. Inany case, the minimum profile shift coefficient
(to avoid undercut) for the pinion is given by:

(A1)

A.5 Balanced specific sliding

Maximum pitting and wear resistance is obtained by
balancing the extreme specific sliding ratio at each
end of the path of contact. This isdone by iteratively
varying the profile shift coefficients of the pinion and
gear until the following equation is satisfied:

G c
L (YSs o = m2
(cl ¥ IXC5 ¥ 1) mg

where

C, isthedistance to SAP (see figure A.1);

-(A.12)

Cs is the distance to EAP (see figure A.1);

Cg -isthe distance between interference points

(see figure A.1).
Cs= C, sin ¢, (A13)
Cy= #[C (RL-R5H)* ] (A.14)
Cs =(R%4 - R} .(A.15)
Ry = R, cos¢ .-(A.16)
Ry =Ry mg (A7)

A.6 Balanced flash temperature

Maximum scuffing resistance is obtained by
minimizing the contact temperature. This is done by
iteratively varying the profile shift coefficients of the
pinion and gear, while calculating the flash
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temperature by Blok's equation (see appendix A of
[2]), until the flash temperature peaks in the
approach, and recess portions of the line of action
are equal. The flash temperature should be

calculated at the points SAP, LPSTC, HPSTC, EAP
and at several points in the two pair zones (between
points SAP and LPSTC and between points HPSTC
and EAP, see figure A.1).

Figure A.1 — Distances along the line of action

A.7 Balanced bending fatigue life

Maximum bending fatigue resistance is obtained by
iteratively varying the profile shift coefficients of the
pinion and gear until the ratio of the bending
strength geometry factors equals the ratio of
bending strengths, i.e.,
J ) 73
7_2- T Sm
A.8 Avoiding narrow top lands

The maximum permissible profile shift coefficients
are obtained by iteratively varying the profile shift
coefficients of the pinion and gear until their top land

..{A18)

* Numbers in brackets [ ] refer to the reference list at the end of this annex.
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thicknesses are equal to the minimum allowable
(usually 0.3/P,;).

A.9 Tooth thinning for backlash

The small adjustments of the position of the cutting
tool to thin the gear teeth for backlash are
considered independently of the profile shift
coefficients (x, and x,) by specifying the amount
the pinion and gear teeth are thinned for backlash,
As,; and As,,. This way, the outside diameters are
independent of tooth thinning for backlash, and are
based solely on the profile shift coefficients x| and
x,. The tooth thinning coefficients are selected
such that:

(8
Asp, + Asp = B,, Pnd (E‘) (A19)

A.10 Tip-shortening coefficient for external
gearsets

For gears operating on extended centers (C, > C),
the outside radii of the gears are shortened to main-
tain adequate tip—to—root clearance. The amount of
adjustment of outside radii is proportional to the tip—
shortening coefficient:

k, = Ix-AC P, ...(A.20)
where
AC =C -C -..(A.21)

A.10.1 Tip-shortening options
Three of the tip shortening options are as follows:

A.10.1.1 Full length teeth — option 1

hy = S3EL {A22)
Fra

hy = —S1X2 (A23)
Frg

CAUTION - Option 1 (full length teeth) may give

insufficient tip-to—root clearance if C, >> C. Check
clearances or use option 3 to be safe.

20
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A.10.1.2 Full working depth - option 2

1410

hy = _""I_P"’_’ﬁ (A.24)
nd

by = 2Xtel? (A25)
nd.

CAUTION — Option 2 (full working depth) may give

insufficient tip—to—root clearance if C, >> C. Check
clearances or use option 3 (full tip~to—root clearance)
to be safe.

A.10.1.3 Full tip—to-root clearance - option 3

hy = 1+xy-k ..(A.26)
P
ho - Atmk (A27)
a2 P
nd

A.11 Tip-shortening coefficient for internal
gearsets

For internal gearsets, there are several require-
ments which must be met in addition to those that
apply to external gearsets. There must be no tip
interference between the pinion and gear or
betweenthe cutter and gear. Also, there mustbe no
rubbing between the cutter and gear during the
retum stroke of the cutter. A likely place for
interference is between the tooth root fillets of the
pinion and the tips of the gear teeth, and it is
common practice to shorten the teeth of the intemal
gear to prevent this. Likewise, the tip radius of the
pinion must be selected to ensure that the pinion
tips do not interfere with the root fillets of the gear.
As with external gearsets, undercut should be
avoided and adequate tip—to—root clearances must
be maintained. Reference [3] describes a design
procedure for a generalized form of profile shift
which includes all of the above considerations.

A.12 Outside radil

R, = R ..{(A.28)

ol 1 + hal

R, ~(A29)

Rz t ha2
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A.13 Generating rack shift coefficients

Xy = ox - —m (A.30)
81 1 2 mn q’n “es o
Asp2
X = X, J —— ...(A.31
22 2 + 2 tan¢n ( )
A.14 Normal circular tooth thickness
S = W2+ 2x,n¢,) By -(A32)
S;g = (W2 £ 2x,1an¢,)/ Py ...(A.33)

A.15 Determining profile shift coefficients of
existing gears

If the normal circular tooth thicknesses are known,
the generating rack shift coefficients are found from

equations A34 and A35.
Sy Py — w2
x, = Al .{A.34)
& 2tan¢,
s, P, - nf
x, =i |—22 ...(A.35)
& 2tan ¢,

Copyright by the American Gear Manufacturers Association
Sat Jul 30 14:36:13 2011

000316k 101 WM
AGMA 901-A92

A.15.1 Sum of generating rack shift coefficients
zxg = _&2 + ,&1 ...(A.36)
A15.2 Normal operating circular backlash

2 G tan ¢
B, =% (—#) (Zx—Z&) ...(A.37)
A.15.3 Tooth thinning for backlash

The tooth thinning coefficients must satisfy equa-
tion A19. However, it is usually impossible to
determine the ratio As,,; / As,; that was used for
existing gears. The following analysis is based on
common practice where As,,; =As,; , inwhich case:

B P C
= As, =—lrd (——) ..(A.38)
Asy n2 2 \C
A.15.4 Profile shift coefficients
From equations A.30 and A.31:
As
X=X, + —l ...(A.39)
8 2tan ¢,
Asyp
X, = x — ...(A.40
21
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Annex B
(informative)

Ratio split for minimum volume

[This annex is provided for informational purposes only and should not be construed as a part of AGMA
901-A92, A Rational Procedure for the Preliminary Design of Minimum Volume Gears.]

B.1 Minimum volume considerations in new
gear box designs

Often the situation arises where more than one
stage is needed in a gear box. If the gear box has
more than one stage, the designer must decide how
to split the overall gear ratio between the stages.
With the right splitting, the total volume of the gears
can be minimized. This minimizes the total weight,
and usually the cost, of the gearing. Previously,
choosing the ratio splitting was usually done by trial
and error. Equation 15 can be used to determine
how to split the overall ratio in a two stage gear box.
This annex shows how that equation was derived.

B.2 Assumptions

In order to simplify equation 15, the following as-
sumptions have been made:

- Balanced pinion pitting ratings;

- G.Cy. GG, Cr, Gy, G and Gy are con-
stant for both meshes;

— Both meshes consist of steel external gears .

B.3 Symbols used

Table B.1 contains the definitions of the symbols
used inthis annex. The table also liststhe number of
the first equation to use each symbol.

Table B.1 — Symbols used in equations

. Equation
Symbols Terms Units wher;I first used
b number of power paths — B.9
G application factor for pitting resistance — B.2
¢ surface condition factor for pitting resistance — B.2
G gear ratio factor —_ B.2
Cy hardness ratio factor for pitting resistance — B2
C life factor for pitting resistance — B.2
C, load distribution factor for pitting resistance — B.2
G, " elastic coefficient [Ib/in2]0.5([N/mm?2]0.5) B.2
Cr reliability factor for pitting resistance — B.2
C, size factor for pitting resistance — B.2
Cr temperature factor for pitting resistance — B.2
o dynamic factor for pitting resistance — B.2
d operating pitch diameter of pinion in (mm) B.1
F face width of narrowest member in (mm) B.1
I geometry factor for pitting resistance _ B.2
K contact load factor for pitting resistance Ib/in2 (N/mm) B.1
K. allowable contact load factor Ib/in2 (N/mm) B.2
K; constant _ B.4
mg gearratio (m; >1) — B.1
Mg, gear ratio of high speed mesh (mg, 21) — B.8
. continued
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Table B.1 (concluded)
. Equation
Symbols Terms Units where first used
M, overall gear ratio (M > 1) — B8
N total number of pinion load cycles — B.10
5, allowable contact stress number ib/in2(N/mm?2) B.2
T transmitted pinion torque, per mesh in Ibs (Nm) B.1
T, torque on high speed shaft in Ibs (Nm) B9
Subscripts/ sign convention
1 high speed mesh
2 low speed mesh
+ upper sign external gearsets, lower sign intemal gearsets
B.4 Derivation Setting K=K, :
This is how equation 15 was derived:
F? = mg 1 2TpCp mg
From [1]" T\ me J\ Jac CKe J\ Mo £ 1
F@p = &(_'"c_ii) (B1) {BS)
K e
A B7
1 (s CL P K ~(B.7)
From [2]: In the case of a two stage box with muttiple power
c - Ny c, S CL Ch branches, the total vqlume of all 'th-e gears is equal
w =T k CC . C C o C tothe volume of one !1|_gh speed pinion, b high speed
G\ b bstm & p ~T R gears, b low speed pinions, and one low speed gear.
...(B.2) The volume of a gear or pinion is proportional to
F(d)2. Since the gear operating pitch diameter
where equals the mating pinion operating pitch diameter
mg multiplied by the gear ratio:
G =———r .(B.3)
mg + 1

aﬂdc_' =Cf =CH -‘=Q~ =CR =1.0

Group variables which are approximately equal for
both high and low speed meshes and call it K; .

I(s4¢ CL)2
K= ——— |k ..(B.4)
“ CG cm

where
2

Cy CH
K= ...(B.5
o WoXoKoN | WokaTon (®5)

z[FdZ] = F\d} + bF\(dymg)? + bF o

+ Fo(doM o[ mg,))* .(B.8)
Combining with equation B7:
Since: TP[ = Tl/b and sz = (Tlmal)/b
2
> 2ICm 2I1Crmimg
Z[F @] = 2 2
bI(Sac1CL1) Kk | \ 11(ac1CL1) Kk
2T\ Crizmgy 2\ C My
I 3262C12 YKk bl2 ( sac2Cr2 YKima1
..(B9)

* Numbers in brackets [ ] refer to the reference list at the end of this annex.
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In order to eliminate C; and realizing that: The minimum volume occurs where the first
_ derivative with respect to m;, of equation B.15 is
Ny =Nz bme ~(B.10) zero. Thiscauses T; , K, and G, todropout. Taking
CL1 = 2.466(N1) 0056 = 2.466(N, me])—o,os(; 1) the first derivative and setting it equal to zero:
Cra = 2.466(Ny)0-056 ..(B.12)
0.112C,, g 8 \ [ 2.112,, 501125112
-0.056 2 p)
Cu \_ [ M2bmg B8 1501 I18gc1
] \ M
Cm2 DCoM
Reduces to: P + m‘
2 25ac2MG1
) ac2 e .(B.16)
Cu1 -0.112
T | = Omay (B13)

Rearranging terms:
Substituting into equation B9:

2 -
S~ o \[( 22
-1
2.112 123421(:2 b’”él
271Cp1(bmgy)* 112 271C1b* 2migy !
+ —
2 2 )
bI\(5ac1Cr2 ) K I($ac1Cra YKy Cot 0.112 oLz 1112
- ——— 1+ 21125011255}
2 10888 0.888
P 1385¢1 mg)

. 2TiCriamg 2T1Cr2M, - B17)

5(54c2Cr2 ) Ky bl ( 54c2C12 K1

~(B.14)
2
Z[Fﬂ = Mg 1 = le 12 Sac2
| e J\T\S
mel m2 1 acl
0.112 2.112
21; Crmimgy + lebo'llszl
) 2 2
CraKe bO88% acl 115get % S s(;sl 13888 +2.1 12b0.112mé:{12
b Mmey
Cr2G CrioM, ..{(B.18)
P + 7
13842 blys,oma

..(B.15) Equation B.18 is identical to equation 15. This
completes the derivation.
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Annex B References
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Annex C
(informative)

Ratio split for an existing two stage box

[This annex is provided for informational purposes only and should not be construed as a part of AGMA
901-A92, A Rational Procedure for the Preliminary Design of Minimum Volume Gears.}

C.1 Existing gear boxes

Sometimes a situation arises where an existing
gear box is used with a new gear ratio. If the gear
box has more than one stage, the designer must
decide how to split the overall gear ratio between
the stages. With the right splitting, each stage can
have the same horsepower rating maximizing the
capacity of the design. Choosing the right splitting
has usually been done by trial and error. Equation
21 can be used to determine how to split the overall
ratio in a two stage gearbox. This annex shows how

C.2 Assumptions

In order to simplify equation 21, the following
assumptions have been made:

— Balanced pinion pitting ratings;

-G,Cy, G, G, G\ Gy, G, and Gy are con-
stant for both meshes;

- Both meshes consist of steel external gears.
C.3 Symbols used

Table C.1 contains the definitions of symbols used
in this annex. The table also lists the number of the

that equation was derived. first equation to use each symbol.
Table C.1 - Symbols used in equations
Equation
Symbols Terms Units wherg first used
b number of power paths —_ C.11
C, application factor for pitting resistance — Cc.2
C surface condition factor for pitting resistance — c.2
G gear ratio factor — c2
Cy hardness ratio factor for pitting resistance — c2
G life factor for pitting resistance — c.2
Cn load distribution factor for pitting resistance — C.2
Gy elastic coefficient [Ib/in2]0.5([N/mmg2]0.5) ce
C, operating center distance in (mm) cs8
G reliability factor pitting resistance —_ c.2
C, size factor for pitting resistance —_ c2
Cr temperature factor for pitting resistance — c2
C, dynamic factor for pitting resistance — c.2
d operating pitch diameter of pinion in (mm) C.1
F net face width of narrowest member in (mm) C.1
I geometry factor for pitting resistance —_ cz2
K contact load factor for pitting resistance ib/in2 (N/mm?) C.1
K, allowable contact load factor Ib/in2 (N/mm?2) c.2
K, constant — C4
m, aspect (F/d) ratio —_ cs
m, gearratio (m_, >1) — C.1
Mg, gear ratio of ﬁigh speed mesh (mGl =1) — Cc.1
M, overall gear ratio M >1) — C.14
. continued
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Table C.1 (concluded)
Equation
Symbols Terms Units wherg first used
N total number of pinion load cycles —_ C.19
5 allowable contact stress number Ib/in2(N/mm?2) c2
T transmitted pinion torque, per mesh in Ibs (Nm) CA
d torque on high speed shaft in lbs (Nm) C.1
1
Subscripts/ sign convention
1 high speed mesh
2 low speed mesh
+ upper sign external gearsets, lower sign intemal gearsets
C4. Derivation
This is how equation 21 was derived. From [1]*:
eq 1l e L +1 2T,Cr mg
2 m, 1(5,.CLYK +1
FdR = .I_gl(_?nil.) (C1) (sacCLY K |\ ™G
G ... (C.6)
From [2] :
2T,
F(d)2=———1( gc ;’;K ..(C7)
Kac = I Cv sac CL CH SacL k
Co\ G CsCnm C Cp, Cr CR Substituting
.(C.2) F =mg (d)
Where: and
d= 26 (C.8)
G = M .(C3) Tmg £ 1 A
mg; + 1 .
yields:
Group variables which are approximately equal for 2TpC
both high and low speed meshes and call it K . mg @) = ——— .. (C.9)
I( Sac CL ) Kk
Ksze CL)? 3
ac = %}L K (C4) m 2¢C, = 2TpCp (C 10)
Gm “ mg * 1 I(sacCL)sz T
Where: In the case of a two stage box:
Since Tp = T]/b and Tpy = (Tlmcl)/b
2
Cv CH
Kk = (05) 3
CaCsCr J\ CpCrCr 2Ch 2T\ Cmi
m — =
A\ mgy + 1 b1y ($4c1CL1 ¥ K
Setting K=K, .. (C.11)

* Numbers in brackets [ ] refer to the reference list at the end of this annex.
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3 3 2
e 2Ca Y _ 2mg1 T1 Cnz M, + mg, w2 | e
“\mez + 1 b1y (Sacz2 Cra Y Ky mG + 1 “\
..{C12) 3 5
Rearranging equation C11: M 'Cﬁ o2
' Mg 11 Cmz J\ Cn Sacl
mavn) o of e 3o . (C.18)
1€ = - -
Comi a mg + 1 2P K, In order to eliminate G and realizing that
~(C.13) Ny =Ny bmg ... (€.19)
Since:
e Cry= 2.466(1\71)—0'056 = 2.466(N2 mel)—0.056
", ... (C.20)
mgy =
mG1 Cra = 2.466(N,)0-056 ... (C.21)
Rearranging equation C12; -0.056
Cu ) _ [ N2bmgy
3 Cr2 N,
- 2Cn f 2maiThCup
N Mo Imey) + 1|\ b1, (5002 Crz P K Reduces to:
.. (C.14) )
CL1 —0.112
3 ol (bmgy) ..(C.22)
Mg b Iy 2 Cr2
—— } a2 C2 )|
mg1 Cz (M, [mgy) + 1 Substituting:
20 e M, + mg |
= O (0N mai -2
(2)3K o —-0.112 _
& e+ 1] ™o (b mgy)
3
mg bl C 3 2
m;—c~ (Sac2 Cr2 )? ﬁﬁ& M2 R Cm || C2 ) | 5o
1+m2 o T Ml Mar J\ 11 J\ Cm2 J\ Cn1 Sacl
2Ty (C.16) C.23
o5 ~© ... (C.23)
3
Equating equations C13 and C16: Mo + mg1 | 2112 _
3
ma b1 2 rl 3 2
C (Sac1C1) T r1) pot12 [ Maz LA Cm Cn Sac2
Mgl I Cm2 Cn Sacl
3
mgpbly C
a (50 Cy 2] E2M1 .. (C.24)
mg) Cmp M, + mgy

Equation C.24 is identical to equation 21. This com-
.(Ca17) pletes the derivation.
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D.1 Example problems.

These example problems are intended to illustrate
ways to use the formulas in the main body of AGMA
901-A92. They can also be used to check
computer programs written for AGMA 901-A92. All
variable names and equation numbers are from the
main body of AGMA 901-A92, to show how each
value was arrived at.

The first example deals primarily with the formulas
in clause 5. The second and third examples deal
with 3.7.1 and clause 5, where there are two stages
and the volume of the gearsets are to be minimized.
The third example is identical to the second, except
that itis done using metric units. The fourth example
deals with 3.7.2 and clause 5, where there are two
gear stages and the center distances are already
known. Here the aim is to maximize the overall
rating of the gearsets by balancing the high speed
and the low speed ratings. The fifth example is a
single stage double helical gearset with a fixed
center distance and the sixth example involves a
single stage spur gearset with a fixed center
distance. These examples also aim to achieve a
maximum power rating.

D.2 Example 1 - Single stage spur gearset with
unrestricted center distance

This example takes the data directly from example 1
of [1]* and [2] and applies it to the algorithm
presented in clause 5. This procedure calculates
the preferred number of pinion teeth of 27 which is
essentially the same result as in [2] after an
extensive computer search.

The input data is:
s.. =200 000 Ib/in2

s: = 60 000 Ib/in2

P =20 horsepower
n, =1260rpm

¢, =20°

y =0

mg =5.00
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Annex D
(informative)
Example problems

[This annex is provided for informational purposes only and should not be construed as a part of AGMA
901-A92, A Rational Procedure for Designing Minimum Volume Gears.)

m, =025
n, =n, =10
¢; =K; =10
b =1
Ky =10
The design algorithm gives:
1 =0.134 (equation 11)
J = 0.450 (equation 12)
K, =1.973 in3 (equation 32)
K, =0.074 in3 (equation 33)
Npp =27 (equation 34)
d =1.991 inches (equation 35)
F = 0.498 inches (equation 36)

D.3 Example 2 — Two stage spur gearset with
unrestricted center distances.

This example illustrates the results from a two stage
spur gearset with unrestricted center distances.
The application is for a variable density mixer driven
by an electric motor. Figures D.1 and D.2 illustrate
how figures representative to figure 2 look for this
example.

The input data is:
M, =25.0
Both stages carburized and hardened (grade 1)
P =50 horsepower
ny =1750 pm
L  =3400 hours

¢n1_ =9, =20°
v =¥, =0°
b =1

Kp) =Kpy =10

The design algorithm gives:

Sae1 = S = 180 000 Ib/in2 (table 2)
a1 =% = 55 000 Ib/in2 (table 3)

N, =3570x 108 cycles (equation 3)
T, =1800in Ibs (equation 7)
C=Cp=K; =Kz, =150 (table 4)
C1=Cp =K, =K,y =07

* Numbers in brackets [ ] refer to the reference list at the end of this annex.
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Figure D.1 — Example 2, first stage
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Figure D.2 — Example 2, second stage
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Assuming m, =M for an initial guess:

mg, =5.000

myg, =5.000

m, = my=0.833 (equation 4)
Cm1 =K1 = 1.23 (equation 9)
Cn2 =K,p = 1.28 (equation 9)
L =1, =0.134 (equation 11)

lteratively solving equation 15:
Mg, =6.176; my, =M, /m;, =4.048

Now recalculate inputs to equation 15 which are
dependent on m;, or Mg,:

m,;=0.861 m,=0.802 (equation 4)
Cn1 =K, = 1.24 (equation 9)

sz =8y = 1.28 (equation 9)
I;=0.138 1,=0.129 (equation 11)
sz = Pl(mGl) =11117inlbs

Again iteratively solving equation 15:
mg,=6.290; mg, = M/m;, =3.975
Therefore:

N, =N,/(bm,) =5.676 x 107 cycles
nyo =nplmg, =278.2 pm
m,;=0.863 my,=0.799 (equation 4)
ng=ny=1.0
ng = np = 12 (for this example, extra
consetvatism was taken in bending.)
G, =0.8185 (;, =0.9073 (equation 26)
K;, =0.8910 X;, =0.9455 (equation 27)
S,c1 = 147 330 Ibfin2 5, = 163 314 Ibfin2
(equation 28)
S = 49005 Ibfin2 s, = 52 002 Ibfin2
{equation 29)
Cy =K, =2.657 (equation 30, equation 31)
Cp =K, =2743 (equation 30, equation 31)
Ji =J;=0.45 (equation 12)
K, =16.89in3 K, = 95.50in3 (equation 32)
K, = 05205in3 K, = 3.185in3 (equation 33)
Npore1= 324=32 Np ., = 30.0=30
(equation 34)
dy= 2.695inches d, = 4.926 inches
(equation 35)
F, = 233inches F,= 8.94inches
(equation 36)
Cr1 =9.822inches C,, = 12.253 inches
(rearranging equation 37)
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Seefigures D.1and D.2. The analysis used to draw
the scuffing failure lines is from appendix A of [3]
and is beyond the scope of this annex.
D.4 Example 3 — Two stage spur gearset with
unrestricted center distances (metric units).
This example is identical to example 2 above,
except that it uses metric units.
The input data is:
M, =250
Both stages carburized and hardened (grade 1)
P =3729kW

n, =1750 pm
L  =3400 hours
q>nl = ¢n2 =20°
v, =¥, =0°
b =1
Kp =Kp=1.0
The design algorithm gives:

sacl = Sacz = 1250 N/mm2 (table 2)

5n = %z = 380 N/mm2 (lable 3)

N;=3.570x 108 cycles (equation 3)

T,; =203.4 Nm (equation 7M)

C1=Cp=K,; =K, =150 (table 4)

Cvl =Cv =Kv1 =8y = 0.7
Assuming m, = M;* for an initial guess:

mg, = 5.000

Mg, =5.000

my; =m,, =0.833 (equation 4)

C.1 =K, =1.23 (equation 9M)

C.n=K,, =128 (equation 9M)

1, =1, =0.134 (equation 11)
lteratively solving equation 15:

Mg, = 6.176; Mg, = Mo/mGl =4.048
Now recalculate inputs to equation 15 which are
dependent on m, or mg,:

m,;=0.861 my, =0.802 (equation 4)

Ca1 =K, = 1.24 (equation 9M)

C.2 =K, =1.28 (equation 9M)

I=0.138 I, =0.129 (equation 11)

T,5 =T, (mg,) = 1266 Nm
Again iteratively solving equation 15:

mg, =6.290; my, =M,/m,, = 3.975
Therefore:

N, =N/(bm ) =5.676 x 107 cycles

ﬂpz = npllmGl =278.2 rpm
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m,; =0.863 m, =0.799 (equation 4)

ng=n,2=10

ny=np=12 (for this example, extra

conservatism was taken in bending.)

C,1 =0.8185 C;, =0.9073 (equation 26)

K, =0.8910 K, =0.9455 (equation 27)

81 = 1023 N'mm2 5,5 = 1134 N/mm?2
{equation 28)

S, = 338.6 NNmm2 s, = 359.3 N/mmR
{equation 29)

Cq1 = K4 =2.6567 (equation 30, equation 31)

Cpn =K, =2.743 (equation 30, equation 31)

=J, =0.45 (equation 12)
K, =273 060 mm3 K, =1.544x 105 mms

(equation 32M)

K, =8517mm3 K, =52122 mm3
(equation 33M)

Npoe1= 821=82 Np = 296=30
(equation 34)

d;= 68.1 mm d, = 124.6 mm (equation 35)
F,= 59mm F,= 100mm (equation 36)
Cr1 =248.4 mm C,, = 309.8 mm

(rearranging equation 37)

D.5 Example 4 ~ Two stage gearset with fixed
center distances.

This example illustrates the results from a two stage
gearset with fixed center distances. The application
is for a uniformly loaded conveyor driven by an
electric motor.

The input data is:

M, =20.0

Cn = 7.0in

C, =180 in

High speed stage carburized and hardened
(grade 1)

Low speed stage 300 BHN through hardened
(grade 1)

P =125 horsepower

n, =1750 rpm

L  =10000 hours

¢, =90,=20
¥, =15° ¥ = 0°
b =2

34
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The design algorithm gives:

5,c1 = 180 000 Ib/in2 (table 2)

5 = 124 100 Ib/in2 (equation 1)

51 = 55000 Ibfin2 (table 3)

S, = 36 146 b/in2 (equation 2)

N;=2.100x 10° cycles (g = 2) (equation 3)
Cu=Cp=K; = 42 =1.25 (table 4)

C,1=Cy =K, =K;,=07
Assuming m, = M,, for an initial guess:
| =44721
mg, =4.4721

m,; = m,; = 0.817 (equation 4)
1,=0.229 I,=0.131 (equation 13, equation 11)
dl =2558in d, =6.579in (equation 37)
C,. =K, =1.23 (equation 10)
C2 =K, =1.32 (equation 10)

lteratively solving equation 21:
Mg, =4.246; mg, =M/m =4.710

Now recalculate inputs to equation 21 which are
dependent on m;, or mg,:

m,; =0.809 m,=0.825 (equation 4)
I;=0.227 I,=0.133 (equation 13, equation 11)
=2.669 inches d, = 6.305 inches
(equation 37)
C.1 =K, =1.23 (equation 10)
C.o =K, =1.32 (equation 10)

Again iteratively solving equation 21:
Mg, =4.200; mg, = M/m;, =4.762
Therefore:

Ny =Ny/(bm;;) = 2600 x 10° cycles

ny =nylms =416.7 pm

m,, =0.808 m,=0.826 (equation 4)

ny=n5=10

Ry =ngp = 1.0

C1=0.7412 C;, =0.8350 (equation 26)

K, =0.8414 K;, =0.9013 (equation 27)

85,1 = 133420 Ib/in2 (equation 28)

S,2 = 103629 Ib/in2 (equation 28)

Sy = 46277 bfin2 5, = 32577 Ibs/in2

(equation 29)

C;i =K, =2.196 (equation 30, equation 31)

Cp =K, =2.357 (equation 30, equation 31)

Jl =050 J,=0.45 (equation 14, equation 12)
d =12.94in3 K, = 164.98 in3 (equation 32)
K, = 04271in3 K, = 3.038in3 (equation 33)
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Np pre1 = 30.3=30 Np oz = 54.3 =54
(equation 34)
d)=2692inches d, =6.248 inches '
(equation 37)
Fy=1.79inches F, =4.23 inches (equation 38)
myy actual = 0.663 My) actual = 0.676
(equation 39)

D.6 Example 5 - Single stage double helical
gearset with a fixed center distance and two
power paths

This example considers a single stage double
helical gearset with a fixed center distance and two
power paths. The application is a marine main
propulsion drive.

The input data is:

L =300 000 hours
¢, =K, =1.20
mg =2.574

C, =25.172inch

P =13 125 horsepower

n, =2940 rpm
¢, =20°
y =30°

Carburized and hardened gearing (grade 1)

n, =n,=15

b =2
Kz =1.0

The design algorithm gives:
5, = 180 000 Ibfin2 (table 2)
8¢ =55 000 Ib/in2 (table 3)
d =14.0862 in (equation 37)
N =1.058x 10"cycles (4 = 2) (equation 3)
m, =1.440 (equation 5)
Cn =K, = 1.9 (equation 10)
C, =K, =07
I =0.2017 (equation 13)
J =0.50 (equation 14)
G, =0.5951 (equation 26)

2

= 0.7413 (equation 27)
s, = 107 124 ib/in2 (equation 28)
5 =40 773 Ib/in2 (equation 29)
C, =3.257 (equation 30)
K,; =3.257 (equation 31)
K, =4710in3 (equation 32)

c

K, =67.4in3 (equation 33)
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Np pre = 69.9 = 70 (equation 34)
F =23.74 in (equation 38)
m;.na = 1.685 (equation 39)

Note that m, .., is greater than recommended by
equation 5, so either C, should be increased or K,
decreased.

D.7 Example 6 - Single stage spur gearset with a
fixed center distance

This example illustrates a single stage spur gearset
with a fixed center distance. The application is an
aerospace accessory drive gear mesh.

The input data is:
L =200 hours
C, =K, =125
mg =2.1
C, =1.55inch
P =5.7 horsepower
n, =4100 pm
ma =0.25
9, =225°
y =0°
Carburized and hardened gearing (grade 2)
nc = n, =1.0
b =1
Kp =10
The design algorithm gives:
5, =225 000 Ibfin2 (table 2)
8, =65 000 Ibfin2 (table 3)

= 0.915; (equation 26)

= 0.950; (equation 27)

= 205 875 Ib/in2 (equation 28)
s,; =61750 Ib/in2 (equation 29)
C, =1.888 (equation 30)

K, =1.888 (equation 31)

= 0.344 in3 (equation 32)

K, =0.0119 in3 (equation 33)
Np e =28.9 =29 (equation 34)
F =0.344 inch (equation 38)
M, aemal = 0.344 (equation 39)

d =1.0in (equation 37)

N =4.92x107 cycles (equation 3)
Cn =K, =1.058 (equation 10)

C, =K, =07

I =0.1198 (equation 11)

J =0.45 (equation 12)

G

K,




AGMA S901-A 92 EE 0b&7?575 0003181 4l& WM
AGMA 901-A92

Annex D References

1. Savage, M., Coy, J.J., Townsend, D.P., “Optimal Tooth Numbers for Compact Standard Spur Gear Sets”,
Trans. ASME JMD, Vol. 104, No. 4, Oct. 1982, pp. 749-758.

2. Carroll, R.K., and Johnson, G.E., “Optimal Design of Compact Spur Gear Sets”, Trans. ASME JMD, Vol.
106, No. 1, March 1984, pp. 95-101.

3. ANSVAGMA 2001-B88, Fundamental Rating Factors and Calculation Methods for Involute Spurand Heli-
cal Gear Teeth, 1988.

Copyright by the American Gear Manufacturers Association
Sat Jul 30 14:36:13 2011



AGMA 901-A 92 EE 0L37575 0003182 354 N
AGMA 901-A92

Annex E
(informative)
References and bibliography

[This annex is provided for informational purposes only and should not be construed as a part of AGMA
901-A92, A Rational Procedure for Designing Minimum Volume Gears.)

E.1 References

1. Emrrichello, R., “A Rational Procedure for Designing Minimum Weight Gears”, Power Transmission and
Gearing Conference, Chicago, 1989, ASME Vol. 1, pp. 111-114.

2. Savage, M., Coy, J.J., and Townsend, D.P., “Optimal Tooth Numbers for Compact Standard Spur Gear
Sets’, Trans. ASME JMD, Vol. 104, No. 4, Oct. 1982, pp. 749-758.

3. Carroll, R.K., and Johnson, G.E., “Optimal Design of Compact Spur Gear Sets” Trans. ASME JMTAD, Vol.
106, No. 1, March 1984, pp. 95-101.

4. Tucker, A 1., A Logical Procedure to Determine Initial Gear Size, ASME Pap. No. 84-DET-67, from Design
Engineering Technology Conference, Oct. 1984, pp.1-7.

5. ANSI/AGMA 2001-B88, Fundamental Rating Factors and Calculation Methods for Involute Spur and Heli-
cal Gear Teeth, 1988.

6. ANSI/AGMA 2004-B89, Gear Materials and Heat Treatment Manual, 1989.

7. Kern, Roy F., and Suess, Manfred, Steel Selection, John Wiley and Sons, New York, 1979.

8. ANSI/AGMA 6010~E88, Standard for Spur, Helical, Herringbone, and Bevel Enclosed Drives, 1988.

9. Willis, R.J., Jr., “Lightest-Weight Gears”, Product Engineering, Jan. 21, 1963, pp. 64-75.

10. AGMA 908-B89, Geometry Factors for Determining the Pitting Resistance and Bending Strength of Spur,
Helical and Herringbone Gear Teeth.

E.2 Bibliography

AGMA 201.02 (revision ofANSI B6.1), Tooth Proportions for Coarse—Pitch Involute Spur Gears, 1974.

BSI PD 6457, Guide to the Application of Addendum Modification to Involute Spur and Helical Gears.
Davis, W. O., Gears for Small Mechanisms, NAG Press Ltd., London, 1970.

ISO/TR 4467, Addendum Modification of the Teeth of Cylindrical Gears for Speed—-Reducing and Speed-in-
creasing Gear Pairs, 1982.

MAAG-Taschenbuch (MAAG Gear Handbook), MAAG—Zahnrader Aktiengesellschaft, Zurich, 1985.
Merritt, H. E., Gear Engineering, Sir Isaac Pitman and Sons, Ltd., London, 1961.
Spotts, M.F., Design of Machine Elements, 6th Ed., 1985, pp. 492-493, Prentice Hall, Inc.

Theberge, Y., Cardou, A., and Cloutier, L., “Parallel Axes Gear Set Optimization in Two — Parameter Space”,
Proceedings of the International Conference on Motion and Power Transmissions, Hiroshima, Japan, 1991.

37

Copyright by the American Gear Manufacturers Association
Sat Jul 30 14:36:13 2011



AGMA 901-A 92 M 0L&7575 0003183 290 MM

PUBLISHED BY
AMERICAN GEAR MANUFACTURERS ASSOCIATION
1500 KING STREET, ALEXANDRIA, VIRGINIA 22314

Copyright by the American Gear Manufacturers Association
Sat Jul 30 14:36:13 2011



